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ABSTRACT

Squeeze Film Dampers play a crucial role in rotating machinery by effectively dampening vibration amplitudes.
As a result, various designs of SFDs have been developed for widespread industrial applications. The current
investigation introduces a design for a Compact Squeeze Film Damper (CSFD), drawing inspiration from the ISFD
design. Parameters such as the damping coefficient of the CSFD are determined through Finite Element simulation
Method (FEM) and experimental techniques. The fabrication and integration of the compact squeeze film damper
with a rotor rig are executed, followed by the presentation of rotor responses across various frequencies. The study
delves into the impact of CSFD geometry, particularly clearance and length, on the damping performance of the
CSFED. Orbit plots vividly illustrate the Compact squeeze film damper’s ability to reduce rotor vibration amplitudes.
Frequency spectra generated from FEM data reveal the nonlinear behaviour of the CSFD, characterized by the presence
of odd harmonics, while experimental results exhibit the presence of both odd and even harmonics. Response plots
demonstrate a softening effect on the rotor within the rotor-CSFD system. Investigating the geometric parameters
of compact squeeze film damper unveils an inverse relationship between Compact squeeze film damper clearance
and damping ratio. Moreover, an increase in the length of Compact squeeze film damper correlates with a higher
damping ratio. The modified Rayleigh oscillator studied in this paper has similar frequencies and orbit response
as observed from compact squeeze film damper. This hints towards the presence of cubic damping similar to the
rayleigh oscillator in the proposed compact squeeze film damper.
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of compressor imbalance resulting from impeller erosion.

The Squeeze Film Damper (SFD) is employed to dampen
the vibration response of rotors in rotating machinery. Due to
the presence of fluid as the working medium, its behaviour
exhibits nonlinearity. Numerous studies have been conducted
in the field of SFD design in rotor systems'?, including
analyses of the nonlinear response of concentric and eccentric
SFDs?’. Yakoub and El-Shafei** utilised a planar modal analysis
approach to acquire the unbalanced (nonlinear) response
of multi-mode rotors supported by SFDs and conducted
a parametric investigation to design SFDs for aircraft gas
turbine fans. Chen and Hahn® examined the influence of end
seal clearance and flow path length on the performance of
centrally orbiting SFDs with a circumferential groove at the
centre using computational fluid dynamics (CFD). Bonello’,
et al. investigated the nonlinear dynamics of rotor systems
supported by SFDs with and without retainer springs. Bao®,
et al. investigated the damping characteristics of squeeze film
air damping in perforated structures. Xing®!°, et al. conducted
an analysis of pressure distribution, damping coefficient, and
rotor system stability in the presence of homogeneous gaseous
cavitation in SFDs. Locke and Faller'" utilised an innovative
Integral Squeeze Film Damper (ISFD) to address the issue
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De Santiago and San Andres'*'® carried out comprehensive
laboratory experiments on both open-ended and end-sealed
ISFDs. They determined force coefficients through component
impact tests and investigated the influence of imbalance
on vibration response. Childs and Agnew'¢ conducted
component tests on flexure pivot bearings supported by ISFDs,
calculating force coefficients for both active and locked ISFD
configurations. Their results reveal that the force coefficient of
the active damperis 50 % less stiff than that of the locked damper,
while damping shows a modest decrease. Ertas Burga!’, et al.
utilised ISFD to stabilize the sub-synchronous response of a 46
MW steam turbine. Their observations revealed a significant
improvement in stability margin by a factor of 12, eliminating
sub-synchronous instability and markedly reducing the critical
speed amplification factor. In another study, Ertas'®, et al.
employed experimental and analytical methods to determine
the stiffness and damping coefficients of ISFD across various
end seal gap widths, vibration frequencies, and amplitudes.
The research demonstrated consistent damping behaviour for
each end seal gap until cavitation or air ingestion occurred,
with the direct stiffness exhibiting linearity. Finite element
analysis was employed to solve the modified Reynolds
equation to visualize the effect of added fluid inertia on ISFD,
with the prediction and experimental results showing a good
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correlation for direct damping. However, the prediction of the
inertia coefficient was found to be overestimated compared to
the experimental results. Xueliang Lu', et al. investigated the
impact of the end seal gap on the dynamic force coefficient
of ISFD through experimental and predictive methods. Their
findings indicated that ISFDs with tighter end seals exhibited
nearly 20 times more damping than open-end ISFDs, although
this configuration also displayed stiffness hardening with
increasing excitation frequency. Furthermore, ISFDs with
loose-end seals accurately predicted the damping coefficient,
while the added mass coefficient was underestimated.

The literature review highlights a prevalent focus on
ISFDs combined with tilting pads in previous studies. This
study introduces a novel design of CSFD equipped with
integrated M-shaped springs, offering both stiffness and
damping improvements over conventional SFDs. Inspired by
the ISFD® design, this approach does not include tilting pads,
making it suitable for retrofitting applications. The primary
objective of this study is to characterize the parameters of
CSFD, such as stiffness and damping, using a combination of
experimental and simulation techniques.

2. SIMULATIONAND EXPERIMENTAL METHODS
2.1 Design of Proposed Compact Squeeze Film Damper

The proposed CSFD studied in this work is manufactured
by wire electric discharge machining process (WEDM) and is

Integral spring
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< Outer diameter ——————>

Figure 1. (a) Drawing of the compact squeeze film damper, and
(b) Exploded view of CSFD assembly.
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shown in Fig. 1(a). The CSFD is mainly divided into four parts:
inner rim, outer rim, integral springs and damping land. The
outer rim is fitted and fixed to the bearing housing. The inner
rim fits snugly against the outer race of the rolling bearing.
The outer diameter of CSFD is 75 mm, and the inner diameter
is 47 mm. The damping land gap (c) is machined at a radius
of 30.1mm. The integral M-shape springs provide stiffness to
the system. The proposed CSFD is covered from both sides by
the end-plate, which is assembled by four Allen screws. Oil is
filled inside the damper by an external pump through the hole
made on the face of the end plate. The oil exhibits a dynamic
viscosity of 0.0312 Pa-s and a density of 850 kg/m?. The cross-
sectional view of the CSFD covered with end plates from both
sides is shown in Fig. 1(c), and the exploded view of the CSFD
assembly is shown in Fig. 1(b).

0il storage space
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Figure 1. (¢) Cross-sectional view of Compact squeeze film
damper covered with end-plates.

2.2 FEM Analysis of Compact Squeeze Film Damper
Finite element analysis of CSFD has been carried
out using ANSYS 19.1° (Academic license). This section
provides a comprehensive algorithm for FEM solution, i.e.
pre-processing, solution and post-processing, applied to the
CSFD. The pre-processing phase involves the development
of a generalized APDL code to create the CSFD model, apply
boundary conditions, and impose the unbalance load. This
includes the creation of a 3-dimensional model of the CSFD,
with the solid part of the damper discretized using an 8-node 3D
solid element capable of displacement in all three directions.
Additionally, fluid elements governed by the nonlinear
Reynolds equation are utilised, each consisting of 4 nodes
with 4° of freedom (displacements and pressure), to represent
the fluid behaviour within the damper. These fluid elements
are employed to calculate the pressure distribution within
the squeeze film damper based on the instantancous shaft
position. Furthermore, the outer diameter of the CSFD’s
outer rim is constrained in all degrees of freedom, while the
inner diameter of the inner rim is rigidly supported to transfer
the unbalance load. Finally, a rotating unbalance force of
10 N is applied at the centre of the rigid constraint. Throughout
the solution phase, a comprehensive transient, nonlinear
approach was utilised. The solution was executed for 1 sec,
employing a time step size of 0.00001 and a solution tolerance
of 1.0°. Following the completion of the solution phase,
post-processing activities were conducted to extract pertinent
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results, including damping force and shaft displacement, for
subsequent analysis.

2.3 Experimental Test Rig Description

Figure 2 shows the experimental rig (setup on basic
Gunt® GmbH Machinery Diagnostic system) used for the
present study. The test setup consists of a 500 mm long and
10 mm diameter shaft stepped at both ends for bearing support
with a step diameter of 20 mm. A disc of 10 mm thickness
and 140mm diameter is shrink-fitted at the middle span of the
shaft. The shaft is supported by a normal ball bearing from
the driving end and a ball bearing attached to the CSFD at the
free end. The rotor is coupled with a 3-phase 6000 rpm motor
by elastic claw coupling. Two proximity probes are attached
at orthogonal position, one in the vertical (y) direction (at the
top of the shaft) and the other in the horizontal (x) direction,
to capture the whirling motion of the shaft. The 1* natural
frequency of the test rig used for the experiment shown in Fig.
2 is 37.5 Hz, which has been obtained through the modal test.
National Instruments (NI) cDAQ-9185 chassis and NI-9234
module have been used to acquire and store the vibration data.

Figure 2. Arrangement of the experimental setup.

3. RESULTS AND DISCUSSIONS
3.1 Damping Coefficient From Fem Analysis

A parametric investigation was conducted to analyze
the variation of the damping coefficient with the axial
length (L) and damping gap (c) of CSFD, as outlined in the
experimental design presented in Table 1. Each configuration
of Table 1 represents a specific combination of parameters,
such as clearance and axial length, in the CSFD design. These
configurations are essential for studying the effects of these
parameters on the damping behaviour of the damper. By
investigating multiple configurations, we can determine the
optimal combination of parameters to achieve desired damping
performance.

Figure 3(a) illustrates the trend of the damping coefficient
for a damper with a damping gap of 0.15 mm across varying
axial lengths. It is observed that the damping coefficient value
of c1L3 surpasses that of c1L1 and c1L2 dampers, with minimal
peak-to-peak variation. Similarly, Fig. 3(b) depicts the damping
coefficient variation for a damper with a damping gap of 0.25
mm and varying axial lengths. The damping coefficient of c2L3
is higher than that of c2L.1 and ¢2L.2 dampers, showing minimal
peak-to-peak variation. Likewise, Fig. 3(c) demonstrates the
damping coefficient for a damper with a damping gap of 0.3
mm and varying axial lengths. Here, the damping coefficient
value of c3L3 exceeds that of c3L1 and c¢3L2 dampers. The

observed increase in the damping coefficient with the axial
length of the damper can be explained by several underlying
factors. Firstly, the longer axial length offers a greater volume
for damping, enabling more efficient dissipation of energy from
rotor vibrations. Moreover, the extended length encourages
improved fluid flow dynamics within the damper, thereby
enhancing its overall damping effectiveness. The increased
clearance allows for greater movement and flexibility within
the damper, potentially resulting in less effective damping of
rotor vibrations. Additionally, higher clearance may diminish
contact and interaction between the rotor and the damper?*%!,
thereby limiting the damping forces exerted on the rotor.

It has been observed that the peak-to-peak variation
reduces for higher damping coefficients. In these illustrations,
the peak-to-peak variation is depicted to demonstrate the
fluctuation in the damping coefficient at a specific location
within the CSFD for one complete cycle. Within these plots,
“max’’ denotes the highest values, “mean” signifies the average
or mean values, and “min” indicates the lowest values of the
parameters being measured. Section 3.2 elaborates on how
changes in damping affect the unbalanced response of the
test rotor system across different CSFD configurations. The
occurrence of a non-circular orbit may result from insufficient
damping within the system, which may fail to counteract the
applied unbalance adequately. Alternatively, an elliptical orbit
could arise due to the asymmetric stiffness of the bearing
support. To investigate this phenomenon, the rotor response
from the finite element simulation is analysed alongside a
frequency spectrum plot.

Table 1. DOE for FE simulation of CSFD

zlz:ﬁfing gap (¢) 2:::::; length (L) Case Figure

0.15 5 clL1 Fig. 4(a)
0.15 10 clL2 Fig. 4(a)
0.15 15 clL3 Fig. 4(a)
0.25 5 c2L1 Fig. 4(b)
0.25 10 c2L2 Fig. 4(b)
0.25 15 c2L3 Fig. 4(b)
0.3 5 c3L1 Fig. 4(c)
0.3 10 c3L2 Fig. 4(c)
0.3 15 c3L3 Fig. 4(c)

3.2 Parametric Study of Nonlinear Response of CSFD
The analysis of different CSFD configurations outlined
in Table 1 has been conducted using data from finite element
simulations. The variations in parameters affecting the shape
and size of each configuration were examined, along with a
frequency spectrum analysis to assess CSFD behaviour.
Figure 4 depicts the response of clIL1, c1L2, and c1L3
configurations. The orbits obtained from simulation data for
these configurations are shown in Fig. 4(a). Notably, the c1L3
damper displays the smallest circular-shaped orbit, while the
clL1 configuration exhibits the largest non-circular orbit.
Figure 4(b) illustrates the frequency spectrum of clL1 and
c1L3, revealing the dominance of the 1X frequency component
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Figure 3. (a) Damping coefficient variation with axial length
keeping c1 constant, (b) Damping coefficient variation
with axial length keeping c2 constant, and (¢) Damping
coefficient variation with axial length keeping c3
constant.
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Figure 4. (a) Comparison of unfiltered orbit, and (b) Frequency
spectrum of x-direction.

in both cases. However, the frequency spectrum of c1L1 also
reveals the presence of higher harmonics (3X, 5X, 7X, 9X, and
11X), indicating nonlinearity within the system.

Figure 5 showcases the response of c2L1, c2L2, and
c2L3 configurations. The orbits derived from simulation
results for these configurations are non-circular. Notably, the
orbit of c2L1 appears highly distorted, while c2L3 exhibits
the least distortion. A comparison of Fig. 4(a) and Fig. 5(a)
demonstrates that all c2 clearance orbits are larger than cl
clearance orbits due to higher damping in the smaller clearance
(cl). Furthermore, in Fig. 5(b), the frequency spectrum of
c2L1 and c2L3 reveals the dominant 1X frequency component
alongside higher harmonics, suggesting nonlinear behaviour.

Figure 6 illustrates CSFD configurations c3L1, ¢3L2, and
c3L3. The simulation orbits for all three configurations are
non-circular (Fig. 6(a)). In Fig. 6(b), the frequency spectrum
analysis of the x-direction for c3L1 and c3L3 showcases
the presence of both 1X and higher-order (3X, 5X, 7X, 9X,
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Figure 6. (a) Comparison of unfiltered orbit, and (b) Frequency spectrum of x-direction.

and 11X) frequency components, indicating significant
nonlinearity. Additionally, the orbit size for c3 clearance is
larger than that for cl clearance across all specified lengths
of CSFD. Given that the damping coefficient of c1 clearance
is higher than that of c3 clearance, c3 clearance exhibits less
effectiveness in reducing vibration amplitude. The analysis of
various CSFD configurations sheds light on their performance
characteristics, revealing insights into their behaviour under
different conditions. One notable observation is the relationship
between damping coefficient variations and the axial length of
the damper. This trend, observed across different configurations,
underscores the importance of damper length in influencing
damping effectiveness. Longer axial lengths provide a larger
volume for damping, allowing for more efficient energy
dissipation from rotor vibrations. Additionally, the extended
length promotes improved fluid flow dynamics within the
damper, contributing to enhanced damping efficiency.
Furthermore, the presence of oil in the CSFD introduces
additional damping mechanisms, leading to smaller orbit sizes
and more effective dampening of rotor vibrations. This finding
underscores the significance of fluid properties in influencing

CSFD performance. The oil-filled CSFD not only dampens
rotor vibrations more effectively but also provides better
support and stability to the rotor, resulting in reduced vibration
amplitudes. Moreover, the frequency spectrum analysis
reveals the presence of nonlinear behaviour within the CSFD
system. The dominance of higher harmonics alongside the 1X
frequency component suggests complex dynamics at play,
which may arise from factors such as asymmetries in stiffness
and damping within the system. Understanding these nonlinear
effects is crucial for accurately predicting and mitigating
rotor vibrations in practical applications. The aforementioned
observation can be analysed in light of previously published
findings?**, indicating that nonlinear damping is pivotal in
numerous dynamic systems and can profoundly affect their
behaviour and performance.

One important aspect of nonlinear damping is its ability to
provide damping forces that vary with the amplitude or velocity
of motion. This can lead to complex dynamic behaviours
such as frequency-dependent damping, amplitude-dependent
damping, and hysteresis effects. Understanding and properly
modelling nonlinear damping are essential for accurately
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Figure 8. (a) Comparison of FE simulation and experimental orbit, and (b) Comparison between experimental simulated frequency

spectrum of x-direction.

predicting the response of dynamic systems under varying
conditions. Additionally, nonlinear damping can help mitigate
resonance and stabilize systems by providing damping forces
that increase with increasing amplitudes of motion. This can
prevent excessive vibration amplitudes and improve system
stability, particularly in situations where linear damping alone
may be insufficient. Furthermore, nonlinear damping can
introduce interesting and beneficial dynamic phenomena such
as energy dissipation, frequency tuning, and mode coupling,
which can be exploited for vibration control and system
optimization.

3.3 Comparison of Experimental Orbit

The experimental setup described in section 2.3,
supported by a c3L1 damper, was operated at 1000 rpm with
a rotating unbalance mass-eccentricity of 900 gm-mm. The
experiment was conducted under both oil-filled and non-oil-
filled conditions on the CSFD-supported rotor. The orbits
plotted for both scenarios are depicted in Fig. 7(a). It is
observed that the orbit size for the oil-filled CFSD-supported
rotor is smaller compared to that of the non-oil-filled CFSD-
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supported rotor. The frequency spectrum shown in Fig. 7(b)
reveals only a dominant 1X frequency component for the
conducted experiment. The reduction in orbit size for oil-filled
CSFD-supported rotors can be attributed to various factors.
Firstly, the presence of oil in the CSFD introduces additional
damping mechanisms, effectively dampening rotor vibrations
and resulting in smaller orbit sizes. Furthermore, the oil-filled
CSFD may offer better support and stability to the rotor,
reducing the amplitude of its vibrations and consequently
leading to smaller orbit sizes.

3.4 Comparison of Experimental and FEM Orbit
This section examines the comparison between
experimental and FEM results. Figure 8 displays the orbit and
frequency spectrum plots for both sets of data. The vibration
amplitudes depicted in Fig. 8(a), orbit plot, and 8(b), frequency
spectrum plot, are nearly identical for both experimental and
FEM results. However, despite applying the same rotating
unbalance force, the experimental results exhibit slightly less
nonlinear behaviour compared to the FEM simulation. This
difference can be attributed to the linear nature of the integral
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spring stiffness, which effectively captures minor nonlinearities
induced by high unbalance and fluid presence. In contrast, the
FE simulation incorporates a nonlinear fluid element, resulting
in the presence of odd nonlinear frequency components® in
the frequency spectrum, particularly due to the high unbalance
in the system. The non-circular orbit observed in the FE
simulation is primarily caused by the significant presence of the
3X nonlinear frequency component in the frequency spectrum.

3.5 Response Plot of Test Rotor Supported on CSFD

A coast-up experiment was conducted on the test rig
described in section 2.3 to evaluate the effectiveness of CSFD
while the rotor traverses its critical speed. The experiment
was conducted using test rigs supported by c¢3L1 and c3L3
dampers. Figure 9(a) illustrates the vertical response of the
rotor supported by the c3L1 damper, indicating a weak control
of vibration amplitude as the critical speed is approached.
Similarly, Figure 9(b) displays the response plot of the rotor
supported by the c3L3 damper, showing a significant reduction
in vibration amplitude as the critical speed is traversed.

These observations suggest that the oil-filled c3L3
damper is more effective than the c3L1 damper, aligning with
the higher damping coefficient value of the c3L3 damper
indicated in section 3.1. These response plots exhibit similar
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Figure 9. (a) Horizontal direction response of 5 mm CSFD
(c3L1), and (b) Vertical direction response of Smm
CSFD (c3L3).

trends to those reported by Bonello’, et al., with a sharp rise in
response approaching the critical speed and a gradual drop as
the speed moves away from the critical, indicating the presence
of softening nonlinearity in the system. This observation is
further supported by the results obtained in sections 3.2 and
3.3, where the frequency spectrum for c3L1 and c3L3 reveals
the presence of odd harmonics, indicating nonlinear behaviour.
Additionally, the damping ratios for c3L1 and ¢3L3 dampers,
calculated from the quality factor, are 0.0681 and 0.11,
respectively, suggesting almost twice the damping ratio in
¢3L3 compared to c3L1.

4. COMPARISON OF MODIFIED RAYLEIGH

OSCILLATOR WITH PROPOSED CSFD

As evident from the orbits and frequency spectrum of
the proposed CSFD, it’s notable that the orbits deviate from
circularity, possibly indicating the presence of nonlinear
damping, as discussed in section 3.5. With an increase in the
damper length, higher damping coefficients are observed,
leading to progressively circular orbits. Through a modified
Rayleigh Oscillator equation, we investigated the interaction
between nonlinear and linear damping, aiming to elucidate the
role of nonlinear damping in rotor systems and its correlation
with the behaviour of CSFD nonlinear damping.

The equation of the modified Rayleigh Oscillator is given
by:

¥+ o x+b(1+cx*)x - yw’y = F, cosat

P+ @y +b(l+cy®)y+ywix=F, sinot )

This model incorporates both linear and cubic damping
components. The presence of the cubic damping component is
observed to produce odd frequency components, as depicted
in the finite element result figures 4, 5, and 6. To examine the
parametric influence, the model is non-dimensionalised in
Eqn. (2).

¥+@ x+2cm,(1+ 06— yw.y =@’ cosmr

V+@y+2cw,(1+5°)y+yw.x =o’ sinor )
Where, @, =, /Q ,c=b/2mw,, S=ce’/b, m=w/Q,
=0

The values of parameters for our proposed CSFD and

damping coefficient as obtained through experiment and
simulation are listed in Table 2.

Table 2. Parameter used in solving modified Rayleigh oscillator

equation
o, 167 Hz
S 0.05
Y 0.1
S 0.5, 5,50
[0) 16.67 HZ

The modified Rayleigh’s oscillator equation has been
solved using the 4"-order Runge-Kutta method. The step size
chosen is 1e-03. One million data points have been generated,
and numerical transient has been removed.

The value of the nonlinear damping coefficient has varied,
as listed in the table, and changes in orbit shape and frequency
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Figure 10. (a) Orbit at 5=50, (b) Frequency Spectra at 56=50, (¢) Orbit at 5=5, (d) Frequency Spectra at 5=5, (e) Orbit at 5 =1, and

(f) Frequency Spectra at 5=1.

spectra have been observed. Figure 9 shows the orbits and the
frequency spectra of the modified Rayleigh oscillator.

The following observation can be made from the results
obtained by simulating Modified Rayleigh’s oscillator with
parameters of CSFD:
¢ When the value & is 50, which contributes to the nonlinear

damping very high, the shape of the orbit is almost

rectangular (Figure 10(a)). When the value 6 decreases

from 50 to 5, the orbit shifts towards a circular shape. A

correlation can be drawn between Figures 4,5 and 6 of

CSFD and Fig. 10 of Rayleigh’s Oscillator, where the

shape shifts from rectangular to circular with a change in

damping value.
e Though Rayleigh’s Oscillator does not pitch the exact
mathematical model for the proposed CSFD, the similarity
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between the two is significant. This hint is to investigate
and modify Rayleigh’s Oscillator further to bring out the
correct model for CSFD in future work.

5. CONCLUSIONS

In the present study, a CSFD has been designed and
manufactured, which is essentially a compact SFD with
retainer/centralizing springs. The FE simulation and experiment
were performed on the proposed CSFD model using different
parameters. An analytically modified model of the Rayleigh
oscillator has been used to understand the effect of linear and
nonlinear damping. The following can be concluded about the
proposed CSFD:

The CSFD offers more damping as we increase the axial
length (L), keeping the damping gap (c) constant, which is per
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the Reynolds Equation. The damping coefficient of the CSFD
varies periodically, as shown in Fig. 3. Maximum damping is
offered for the c1L3 configuration of the damper, as observed
in Fig. 3(a).

The orbit plot in Fig. 4(a) shows that the orbit of the
clL3 configuration is almost circular. This implies that this
configuration of CSFD is effective in reducing the contribution
of higher harmonics in the vibration of the rotor.

The damping ratio obtained from the experimental
response plot is 0.11 for the c3L3 case. Spring softening can be
observed in CSFD for the ¢3L3 configuration but not in CSFD
for the C3L1 configuration, as shown in Fig. 9. This implies
that the increased length of CSFD not only affects the damping
of the system but also plays a vital part in the spring softening
of the rotor.

The modified Rayleigh oscillator studied in section 4
hints towards the presence of cubic nonlinear damping in the
proposed CSFD design. The frequency spectra of the oscillator
in Fig. 10 have similar harmonics as can be observed in CSFD
spectra, which are 3x, 5x, and so on.
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